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A mathematical model of the dynamics of a multifunctional rotary working unit was developed, and
the influence of its structural and kinematic parameters on the critical shaft rotation speed and the amplitude-
frequency characteristics was investigated. The working unit is considered as a complex mechanical system
comprising an elastic shaft with discretely placed concentrated masses, as well as hinge-mounted flail
hammers. The relevance of the study lies in establishing the characteristic rotation frequency zones under the
condition of ensuring resonance-free operation of the rotor.

To construct the dynamic model, an energy-based approach and the Lagrange equations of the second kind
were used. The model accounts for the energy of the shaft, the discretely placed masses, and the variable position
of the flail hammers, as well as energy losses due to damping and the destruction of plant mass. As a result of the
simulation, the equation of motion of the rotor was obtained, on the basis of which an expression was derived for
determining the critical shaft rotation speed and the amplitude-frequency characteristic of the system.

A numerical experiment was conducted for an experimental rotor sample, which established that at an

effective mass of 50.087 kg and a radial shaft stiffness of 2.426-10° N/m, the critical rotation speed is 220.078
rad/s. The influences of effective mass, radial shaft stiffness, viscous damping coefficient, and imbalance
magnitude on the position of the resonance zone and the oscillation amplitude were substantiated. It was
established that an increase in the rotor's effective mass reduces the critical rotation speed, while an increase
in shaft stiffness contributes to its growth. It is shown that an increase in damping significantly reduces the
maximum oscillation amplitude in the resonance zone, whereas an increase in imbalance causes a
proportional increase in vibrational loads.

Based on the simulation results, it was established that the working range of the rotor rotation
frequency of 1200-1300 rpm lies in the pre-resonance zone and is characterized by insignificant oscillation
amplitudes. The obtained value of the safety factor with respect to the critical frequency is 1.617, which
indicates a sufficient distance of the operating mode from the resonance region.

Keywords: rotary working unit, milling-mulching drum, critical speed, rotor dynamics, shaft
vibrations, imbalance, damping, mathematical model, experiment, process, plant residue shredding.

Eq. 48. Fig. 6. Ref. 12.

1. Problem formulation

The implementation of technological processes in agricultural production is increasingly accompanied
by the use of combined or multifunctional working units [12].

Considering the developed rotary working unit [3, 5], its multifunctionality is manifested in the fact
that it can initially be used as a milling drum to perform conventional soil milling, and after minor re-equipment
and a change in the kinematic operating mode, it can be used as a mulcher for plant residues.

Alongside such multifunctionality, the dynamic stability of the working unit to operate at high
frequencies — which are necessary for achieving the specified interaction speeds of the flail elements with plant
stems [2, 4] — changes drastically.

During operation, the rotary working unit constitutes a complex mechanical system that includes an
elastic shaft with discretely arranged working elements and hinge-mounted flail hammers. The action of
inertial forces, rotor imbalance, and impact interaction with plant mass causes shaft vibrations, which can bring
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the system closer to resonance regimes and lead to a reduction in the reliability and durability of the structure.
Therefore, the study of dynamic processes in such working units is an important scientific and practical task.

A pressing problem is the development of a mathematical model of the combined rotary working unit
that accounts for the inertial characteristics of the rotor, the elasticity of the shaft, the damping properties of
the system, and energy losses during the destruction of plant mass. Based on such a model, it is necessary to
determine the critical rotation speed of the rotor and to assess the influence of the effective mass, radial shaft
stiffness, imbalance magnitude, and damping on the amplitude-frequency characteristics of the system.
Solving this problem makes it possible to substantiate safe operating modes of the rotary unit and to ensure a
sufficient distance of the operating frequencies from the resonance zone.

2. Analysis of recent research and publications

A significant number of scientific works [7 — 10] have been devoted to the problems of rotor system
dynamics, the determination of critical speeds, and the assessment of the influence of imbalance on shaft
vibrations. The Jeffcott rotor model remains the basis for most modern studies, being used to analyze resonance
phenomena, amplitude-frequency characteristics, and the rotor's passage through critical speeds.
Contemporary works address issues of the stability of flexible rotors under variable angular velocity, as well
as the influence of damping and bearing parameters on the dynamic behavior of the system. In particular, study
[1] investigates the stability of Jeffcott rotor motion under variable rotation frequency and proposes performs
a probabilistic analysis of critical speeds accounting for the uncertainty of the rotor's dynamic parameters.

At the same time, for agricultural rotary machines, the assessment of the influence of the structural
parameters of working units on their dynamic characteristics acquires particular importance. Certain aspects
of the functioning of mulching rotors are addressed in works [6], which investigate the aerodynamic processes
in the working zone of the mulcher and the influence of the design of the working elements on the efficiency
of the technological process. At the same time, the analysis of literary sources indicates that the issue of
determining the critical speeds of combined milling-mulching drums, which have a complex structure with
discretely placed masses and hinge-mounted flail hammers, has not been sufficiently covered. This necessitates
the development of new mathematical models that account for the elasticity of the shaft, the inertial
characteristics of the rotor, damping, and energy losses during the interaction of the working elements with
plant mass.

3. The purpose of the article

The aim of this study is to develop a mathematical model of the dynamics of a multifunctional rotary
working body and, based on this model, to investigate the influence of its design and kinematic parameters on
the critical rotational speed of the shaft as well as on its amplitude-frequency characteristics.

4. Results and discussion

The combined rotary working unit represents a multicomponent mechanical system, the peculiarity of
which lies in the fixed masses (disks, blades, and axles) discretely placed on a relatively long shaft, as well as
movable masses in the form of flail hammers.

The objective of the study is to obtain the equation of motion of such a complex system, from which
the critical rotation frequency of this rotor can be determined. Such a study is necessary in order to establish
the correct kinematic operating mode of the working unit, avoiding resonance regimes.

To describe the system, we will use generalized coordinates: g, = y(x,t) —transverse deflection of the

shaft; g, = ¢(t) —angular rotation of the rotor; g, =¢;(t) — deflection angle of the i-th flail hammer;
Under these conditions, the kinetic energy of the system can be represented as the following relation [1]:
E=T+II, (1)
where T — Kkinetic energy of the system;IT — potential energy of the system.
The kinetic energy of the system is expressed as follows:
T=Tg+Tin+Th, (2)
where Tg,— kinetic energy generated by the rotor shaft; T, , — kinetic energy of the masses discretely
and fixedly positioned on the rotor shaft; T,, — Kinetic energy of the movable flail hammers.

The expressions for the energy components are presented below.

157



TexHika, eHepreTHka,
Ne 3 (134) /2026 TpaHcnopt AIIK

/% Technology, energy,
~ ISSN: 2520-6168 Vol. 134, Ne 3 /2026 agriculture transport AIC

The Kinetic energy of the shaft consists of two components — that due to shaft deflection 7, and that
due to rotational motion 7', :

Ty =Ty +T,. (3)
The first component of expression (3) characterizes the energy of shaft deflection y(x,t), since the

shaft is elastic; this can also be referred to as the energy of transverse vibrations of the shaft.
In this case, each elementary segment dx possesses a velocity y(x,t), and the mass of such an element

is equal to dm= pAdx consequently, the kinetic energy is given by the expression:
dT = %dmyz = %pAyzdx . 4

For the entire length of the shaft, the expression for the kinetic energy of shaft deflection is obtained

as follows:
15 (oyY

where L —length of the shaft; o — density of the shaft material; A — cross-sectional area of the shaft.
The Kinetic energy due to rotational motion is:

1 .
Tr:E‘]shwz’ (6)

where Jg, —moment of inertia of the shaft; ¢ —angular velocity of the shaft.
In general, the kinetic energy of the shaft is described by the expression:

L 2
1 oy .2
T, == = | dx+J : 7
sh 2 !p atj sh® ()

By analogy, the expression for the kinetic energy of the concentrated masses is derived as follows:
1 .
Timzzmi(yiz“‘wzriz), (8)

where r; — radius of the center of mass for the i- th mass, and angular velocity @ .

The kinetic energy of the hammers is characterized by the energy of rotation of the hammers together
with the rotor under steady-state conditions, when they occupy a practically stationary radial position, and by
the energy of the relative motion of the hammer about its mounting axis during deflection upon contact with
plant mass.

Here we introduce the following notation: m, — mass of the hammer; R, — variable radius
characterizing the position of the center of mass relative to the rotor's axis of rotation; 4, = @R, — linear
velocity of the hammer's center of mass.

The kinetic energy of one hammer is then expressed as:

1
T, :Emhszﬁ. 9)

The expression R, is accordingly given by:
R, =R, +Isina, (10)
where R, —distance from the shaft's axis of rotation to the hammer's mounting axis; | — distance from
the hammer's mounting axis to its center of mass; a — deflection angle of the hammer from the radial position.
The kinetic energy of the relative motion of the hammer is:

Trel :%‘]adzi (11)

where J, —moment of inertia of the hammer relative to the hinge; ¢ — angular velocity of hammer

deflection relative to the hinge.
The total kinetic energy of the hammer is then given by:

T, :%(mha)thz +3,4%). (12)
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We now present the expressions for the components of the potential energy of the system:
— potential energy due to shaft bending;

L 2 2
1 o’y .
T, :E£E|[—Z) dx; (13)

OX
— potential energy of the hammers;
I1, =m,gl(l—cosa). (14)
Air resistance and other dissipative forces are also of significant importance here. In general, they are
expressed as follows:

D:%(cpy2+cad2)+ D,, (15)

where ¢, — damping coefficient of the rotor, accounting for friction in the bearings, aerodynamic

resistance, and other resistances; ¢, —damping coefficient of the hammer's hinge joint; D, —energy losses due

to the destruction of plant mass: stem cutting, shredding of plant residues, and impact deformation of the material.
The component is elaborated upon below D, .

At the moment of contact between the hammer and the stem, part of its kinetic energy is lost. For
example, per single impact:

AE, = %mh(gf ~ %), (16)

where 9, — velocity of the hammer before impact; 9, — velocity of the hammer after impact.
The corresponding power losses are then given by:
R =nAE, (17)
where n, —number of impacts per unit time.
The obtained relation (17) is analogous to a dissipative function, and therefore it can be written as:

1
D, = Entmh(sl2 ~%). (18)

Considering that the impact restitution coefficient can be expressed as Kk, =?2, it follows that

1
4, =k, 9 . Expression (16) can then be rewritten as:

AE, = % m,92(1-K2). (19)
On this basis, the energy loss expression (18) is written as:
1
D, =§ntmhl912(1—k3). (20)

Analyzing the physical meaning of the impact restitution coefficient, the following can be stated:

k, —1 —the impact is elastic, and energy is almost not lost;

k, — 0 — the impact is perfectly inelastic, i.e., the energy is almost entirely converted into material
destruction.

For interaction with plant mass, the value of this coefficient is k, =0.3...0.6.

Summarizing, the expression for the dissipative force (15) can finally be written in the form:

D =%[(cpy2 +c a2 )+ nm 920-K2). (21)

Attention is now returned to the principal problem, namely, the determination of the critical shaft speed.

The expression for the critical shaft speed is derived on the basis of the solution of the Lagrange
equation of the second kind.

For the system under consideration, the Lagrange equation of the second kind is formulated as follows:

d({oL) oL oD

—| = |-—+—=0Q. 22
dt(ayJ oy 2
Here L =T —IT — the Lagrangian.
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In order to implement the solution of the Lagrange equation and determine the critical shaft speed, a
number of assumptions are introduced: the shaft rotation frequency is such that the flail hammers can be
assumed to occupy a radial position and to be rigidly fixed on their axes, i.e. =0, & =0. This assumption
is valid since the centrifugal force:

F. =m,0’R, >>m,g. (23)
Under these conditions, a single coordinate is sufficient for solving the problem of the critical shaft
speed, namely g = y(t) , where y(t) is the transverse deflection of the rotor axis.
The concept of the effective mass of the rotor is introduced, defined by the expression:

LV
M = J‘PAq)Z(X)dXJFimiq)z(Xi)a (24)
0 i=1

where ®(x) — the shape of the first bending mode.

The first term of expression (24) characterizes the mass of the shaft itself, while the second
characterizes the mass of the remaining concentrated masses.

For convenience of presentation, an additional parameter is introduced, which characterizes the
equivalent stiffness of the rotor. On the basis of beam bending theory, the expression for its potential energy,
analogous to expression (13), is written, and, as in the case of the kinetic energy, a modal transformation is
performed:

y(x,t) =D(x)q(t), (25)
then
d?y  d’®d(x)
e A t), 26
VR q(t) (26)
The potential energy of the shaft then takes the form:
2
1, [0%®
I1, == El dx, 27
" qu [ axzj 27)

2

L (oY
where K:IEI( jdx.
3 OX

A compact expression for the potential energy of the shaft is thus obtained:

1
The Lagrangian of the system, in expanded form, is described by the expression:
L=%(Jza)2+Mefy2—Ky2). (29)
Next, the components of the Lagrange equation (22) are written as:
&y
ay ef J !
d . .
E(Mef y): Mef Y,
oL _ (30)
- = _Ky ;
oy
a_D = Cy
oy '
On this basis, the equation of motion of the rotor shaft is written as:
M ¥ +cy + Ky =Q(t). (31)
In the presence of eccentricity, a centrifugal force arises, expressed as:
Q(t) = m.ew” cos(awt), (32)

where m, —imbalance mass; € — magnitude of the shaft eccentricity.
The equation of motion can then be rewritten as follows:
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M, § +cy + Ky = m,ew” cos(at) . (33)

The solution of equation (33) is sought using classical approaches.
Analyzing the right-hand side of equation (33), it can be seen that the forcing force due to the
imbalance varies according to a harmonic law:

Q(t) = Q, cos(at) , (34)
where Q, =m.ew?.
The solution can be sought in the form:
y = Acos(at — ), (35)
where A —amplitude of oscillations; ¢, — phase shift.
Here we obtain:
y=—Awsin(at - ¢, );

¥ =—Aw® cos(at — @, ). (36)
Substituting the obtained expressions into the equation of motion (33) yields:
~ M, Aw® cos(at — @, ) — cAwsin(at — ;) + KAcos(at — ¢, ) = m,e” cos(at) . (37)
Performing standard transformations, the expression for the amplitude-frequency characteristic is obtained:
2
A(@) = (39
Yk =M 02f +(coy
The resulting relation (38) characterizes the shaft deflection with increasing rotation speed.
In the absence of damping (¢ =0), then:
m.ew’
A_‘K—Mefcoz" (39)
The theoretical condition for the amplitude to tend toward infinity is:
K-Myo®=0, (40)
from which the critical shaft speed accordingly follows as:
Wy = L : (41)
M

ef

The obtained expression (41) represents the first critical angular velocity of the rotor.
For a more practical evaluation of the rotor's rotation speed, it is expedient to rewrite expression (41)
as the critical rotation frequency of the rotor:

30 [K

o = M_ef : (42)
The vibration frequency of the shaft can also be expressed in Hz:

oL K 43

27\ M of (43)

When selecting the kinematic operating mode of the rotary working unit in mulcher mode, it is
convenient to use a dimensionless form when determining the critical speed and the oscillation amplitude.
The natural frequency of oscillation of the rotor shaft is denoted by «), and a dimensionless parameter
is introduced as follows:
r= w—n : (44)
where @ — operating frequency of the rotor.

The expression for the shaft oscillation amplitude can then be represented in dimensionless form as:
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m,e re
A=V ' (45)

(1— r2)2 +(2¢r)

c

ng' (46)

If the system exhibits weak damping and the rotor frequency coincides with the natural frequency of
shaft oscillation, i.e. r~1 and, accordingly, o= w,, this represents one of the most hazardous operating

modes of the rotor — the possibility of resonance occurring.

A practical calculation is performed, and the influence of changes in the rotor mass and its stiffness on
the magnitude of the critical shaft speed is established.

For the numerical experiment, the parameters of the experimental prototype of the rotary working unit
were used: rotor shaft length of L =1.8 m; outer diameter of the steel tubular shaft of D =0.09m, inner
diameter of d =0.078 m; shaft mass of My, =23.226 kg; disk mass of m, = 2.806 kg, quantity — 8 pcs.; blade
mass of m, =0.822 kg, quantity — 32 pcs.; axle mass of m, =0.663 kg, 28 pcs.; flail hammer mass of
m,, = 0.301 kg, quantity — 84 pcs.

On this basis, the effective mass of the rotor was found, amounting to:

2] S

P

Following the calculation, M =50.087 kg, and the radial shaft stiffness is K = 2.426-10° N/m.
The influence of these parameters on the critical shaft speed is now shown, with their values tabulated

(47)

within a range of £20 %, Flg 1.

250 245 T T T
o 245, n 2401 -
b ok -
£ 240f F 2351 0
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o ns . o  230F et .
rd
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o “., [=} === -
g 2250 . o220 s
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Rotor mass, kg . .
= Radial shaft stiffness, N/m
a b

Fig.1. Study of the influence of shaft mass (a) and its radial stiffness (b) on the critical rotation speed

In Fig. 1, a, the solid line shows the value of the critical shaft speed (@, =220.1 rad/s) found from

relation (41) for the parameters presented above; the dashed line shows the change in the critical shaft speed
value for the corresponding values of the rotor's effective mass and the radial stiffness of its shaft.
Analyzing the presented graphs, it can be seen that as the rotor mass decreases, the value of its critical

rotation speed increases (M =40.0 kg — @, =246.3 rad/s), and conversely, an increase in the rotor mass
decreases the critical rotor rotation speed (Mg =60.0 kg — @, =201.1rad/s); the radial shaft stiffness

exhibits an inverse property (Fig. 1, b) — a decrease in shaft stiffness reduces its critical speed (K =1.94.10°
N/m - @, =196.9rad/s); and conversely, an increase in stiffness increases the critical rotor speed (

K =2.91-10°N/m — a, =241.1 rad/s).
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For the analysis of the operation of the rotary working unit, it is important not only to determine the
magnitude of the critical shaft rotation speed, but also to assess the influence of the structural parameters of
the drum on its dynamic behavior. It is precisely through the analysis of the amplitude-frequency characteristic
that answers to the posed questions can be obtained.

The next stage of the numerical experiment is carried out with the following initial data and
assumptions: the imbalance mass amounts to 5% of the total rotor mass; the eccentricity value is 0.002 m.

The change in the shaft oscillation amplitude at the critical rotation speed and at various viscous
damping coefficients is analyzed, Fig. 2.

0.011

9.625x107>

825x107°

6.875x107°

55x107° /

4.125%107°

275%107° '
1375x107°3
0

100 140 180 220 260 300

Rotor angular velocity, rad/s

Fig. 2. Shaft oscillation amplitudes at different viscous damping coefficients

Vibration amplitude, m

In Fig. 2, curve 1 shows the shaft oscillation amplitude at a viscous damping coefficient of ¢ =110
N-s/m, which corresponds to the mounting of the shaft on bearings attached to the frame. At the critical shaft
rotation speed, the amplitude amounts to 0.01 m, and the resulting stresses exceed the permissible values by
more than twofold. Even brief operation of the rotor under such conditions would lead to catastrophic failure.

For a viscous damping coefficient of ¢ =220 N-s/m (corresponding to a well-balanced shaft) under
the same conditions, the amplitude amounts to 0.005 m (curve 2, Fig. 2). At such an amplitude (disregarding
other factors), stresses close to the permissible limit would arise in the shaft. Under such conditions, short-
term operation of the rotor may be permitted in exceptional cases.

And the third case — a viscous damping coefficient of ¢ =440 N-s/m (corresponding to a typical rotary
machine) — yields an amplitude of 0.0025 m (curve 3, Fig. 2). The obtained amplitude value indicates that even at the
critical shaft rotation speed, the machine retains its operability, provided that the effect of the sharp amplitude increase
in this frequency zone is not amplified by other factors, such as an increase in imbalance due to soil buildup, etc.

Next, the influence of the rotor's effective mass on its oscillation amplitude is shown, Fig. 3.

0.012 0.012
2 0.0105 = 0.0105
[} 2 o
T o0} T o0’ .
ERP R SN - ] 3
: & 750 \ -:/
2 607’ 8 a0} e
R g o
S 2 451070
_3 -
3x10 _3
3x10
1.5%107° L
1.5x10
0 “h.
100 140 0 = 0
Rotor angular velocity, rad/s 100 140 180 260
Rotor angular velocity, rad/s
Fig. 3. Amplitude-frequency characteristic of Fig. 4. Amplitude-frequency characteristic of the
the rotor shaft under the influence of changes in  rotor shaft under the influence of changes in radial
its effective mass shaft stiffness

Figure 3 shows three curves characterizing the influence of the rotor's effective mass on its oscillation
amplitude and on the location of the critical shaft speed zones: curve 1 is constructed for the actual effective

mass of the rotor and a viscous damping coefficient of ¢ =110 N-s/m, for which the critical rotation speed is
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220.087 rad/s and the maximum oscillation amplitude is 0.010 m; curve 2 is determined for the effective rotor
mass increased by 20%: 201.085 rad/s, 0.009156 m; curve 3 is determined for the effective rotor mass
decreased by 20%: 246.28 rad/s, 0.011 m.

It follows from this that an increase in the rotor's effective mass lowers the value of the critical shaft
rotation speed while simultaneously reducing the oscillation amplitude, and conversely, a decrease in mass
makes it possible to increase the critical shaft speed but also increases the oscillation amplitude.

A similar comparative analysis can be presented for changes in the radial shaft stiffness, Fig. 4.

As can be seen from Fig. 4, the radial shaft stiffness exhibits an inverse character of influence relative

to the determination of the critical shaft rotation speed: a 20% reduction in stiffness ( K =1.9408-10° N/m)

lowers the critical rotation speed to 196.853 rad/s (curve 2, Fig. 4); a 20% increase (K =2.9112-10° N/m)
raises it to 241.092 rad/s. The critical speed and amplitude data are compared relative to the corresponding

values determined for the actual radial shaft stiffness (K = 2.426-10° N/m, curve 1).
Equally important is the performance of a comparative analysis showing the dependence of the change
in the rotor shaft oscillation amplitude on the magnitude of imbalance, Fig. 5.

- 2266842 10

Vibration amplitude, m

|- 1918926-10°* f’;
|- 1.57101-10"* é
|- 122309410 S
1.793-10°% Sutnd %
- 527-10° f

- 179-10°

muo
ional

Fig. 5. Change in the rotor shaft oscillation Fig. 6. Graphical dependence of the change in the
amplitude with variation in the magnitude of rotor shaft oscillation amplitude within the range

imbalance of operating frequencies

The result here is evident: a minimal imbalance value corresponds to a minimal oscillation amplitude.
For example, at the critical rotor rotation frequency and a 20% reduced imbalance value (0.004 kg-m), the
oscillation amplitude amounts to 0.008 m; at an increased imbalance value (0.006 kg-m), it amounts to
0.0012 m.

According to the preliminary calculations, the operating frequency of the rotor should lie within the range of 1200-

1300 rpm. The calculated amplitude value within this frequency range amounts to 5.805-10° m— 7.438-10° m.
The critical rotor shaft rotation n,, frequency is then compared with the maximum frequency of the

operating frequency range, yielding the value of the safety factor, which indicates the distance of the operating
frequency from the resonance zone:
n, 2.102-10°
> -
*“n, 13.10°
The value of the coefficient k, is considered satisfactory if it lies within the range >1.25, i.e., for our

rotor design and the substantiated kinematic operating mode, a significant distance of the operating frequency
from the resonance zone is obtained.

It follows from this that the recommended rotor frequencies should lie within the pre-resonance zone.
The theoretical limiting value of the operating shaft frequency is 2000 rpm, at which the oscillation amplitude
amounts to 0.0011 m, taking into account the maximum calculated imbalance. However, an uncontrolled
increase in rotor speed to 2100 rpm results in a sharp increase in amplitude to 0.012 m, which may already be
destructive in nature. Post-resonance frequencies begin at 2200 rpm. This region was not investigated, since
the linear velocity of the flail significantly exceeds the required velocity of impact interaction between the
working edge and the plant stem, and increases the energy costs for driving the working unit.

=1.617. (48)
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5. Conclusion

In the conducted study, a theoretical model of the rotary working unit was constructed on the basis of
energy-based approaches, accounting for energy losses due to the destruction of plant mass. The equation of
motion of this rotor was formulated and solved, on the basis of which the critical rotation speed was determined
to be 220.078 rad/s, or 2102 rpm. An analysis was performed of the influence of the rotor's viscous damping
coefficient, effective mass, radial shaft stiffness, and imbalance magnitude on the value of the critical rotor
rotation speed and on the amplitude of its oscillations. The numerical experiment shows that the pre-resonance
zone frequency is <2000 rpm, and therefore the operating range of the rotor rotation frequency of 1200-1300
rpm lies within the pre-resonance zone and ensures stable operation of the working unit. The value of the safety
factor with respect to the critical frequency is 1.617, which indicates a sufficient distance of the operating
modes from the hazardous resonance region. For reliable operation of the rotary unit, it is recommended that
its operating rotation frequency should not exceed 1700 rpm, which would correspond to a flail peripheral
velocity of 57 m/s — a value satisfactory for shredding plant residues under the specified operating conditions
of the machine.
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JOCJIUKEHHA IUHAMIYHUX XAPAKTEPUCTUK BATATO®YHKIIOHAJIBHOTI'O
POTAIIIMHOT'O POBOYOI'O OPTAHY

Y cmammi pospobreno mamemamuuny mooenb OUHAMIKU 0a2amo@YHKYIOHATILHO20 POMAYIIHO20
Po601020 opeany ma OOCHONCEHO 6NAUE U020 KOHCTHPYKINUBHO-KIHEMAMUYHUX NAPAMEMPI6 HA BENUYUHY
KpUMUu4HOl WeUOKOCmi 00epmants 6ana ma amniimyoHo-4acmomui xapaxmepucmuku. Pobouuil opean
PO32TAHYMO 5K CKIAOHY MEXAHIYHY CUCTHEMY, WO MICMUms NpYyJCHULl 8al 3 OUCKPEMHO DPO3MIWEHUMU
30CepeONHCeHUMU MACAMU, d MAKONC WAPHIPHO 3AKPINIeHUMU OUTLHUMU MOJIOMKAMU. AKMYanbHicmb
00CTIOCEHHsT 3YMOBNIeHa MUM, WoO GCMAHOBUMU XAPAKMEPHI 30HU HaACMom 00epmanHs 3 YMOB0IO
3abe3neyennsn bespe3oHancHoi pobomu pomopa.

s nobyoosu Ounamiunoi mMooeni UKOPUCTNAHO eHepeemuyHuil nioxio ma pieusHus Jlacpanoca
Opy2020 pody. YV mooeni epaxosano enepeiio 8anda, OUCKPEMHO POSMIWEHUX MAC MA 3MIHHE NOAONCEHHS.
OUTbHUX MONOMKIB, 4 MAKOXNC empamu eHepeli Ha OemngyeanHs ma pyUHY8aHHS POCIUHHOI macu. Y
pe3yrvmami MoOen08anHs OMPUMAHO 3AKOH PYXY POMOPA, HA OCHOBL IKO20 OMPUMAHO UPA3 O/l BUSHAYEHHS
KpUMu4Hoi weuoKocmi 06epmants 8ana ma amniimyoHO-4acmomHoi Xapakmepucmuxky cucmemu.

Ilposederno uucnosuii excnepumenm 0 00CIIOHO20 3pA3KA POMOPA, 0e 8CMAHOBIEHO, WO NPU 1020

epexmusniii maci 50,087 ke, padianvhiti scopemxocmi eana 2,426-10° H/m — xpumuuna wieuoxicmeo
obepmanns cmanosums 220,078 pad/c. ObrpyHmosano eniueu epexmusHoi macu, padiaivbHoi HCopCmKoCcmi
sana, KoepiyicHma 6 ’13Kk020 OeMNPY8aAHH MA GeIUUUHYU OUCOATAHCY HA NOJIOJCEHHS Pe30HAHCHOL 30HU Ma
amnuimydy Koausawv. Bcmanoeneno, wjo 30iIbUiEHHS ehekmusHol macu pomopa 3HUNCYE KPUMUYHY
WBUOKICIb 00EpManHs, a NiOGUWEHHS JCOPCMKOCII 6aia cnpuse it spocmannio. Tloxkazano, wo 30invuenns
demnpysants Cymmeso 3MeHULYE MAKCUMATbHY AMAIIMYO0Y KOIUBAHb Y 30HI Pe30HAHCY, MOOJL SIK 3DOCHAHHSL
oUChbanaucy UKIUKAE NPONOPYitiHe 30INbUIeHHs 8IOPAYITIHUX HABAHMANCEHD.

3a pezyrbmamamu MOOeMOBAHHA BCTNAHOBLEHO, WO POOOYUL DiANA30H YACTNOM 00epMAlHs pomopa
1200-1300 06/x6 3naxooumvcs 6 OOPE3OHAHCHI 30HI MA XAPAKMEPU3YEMbCSL HESHAYHUMU AMAIIMYO0amu
Konueanv. Ompumane 3HaueHus Koe@iyienma 3anacy 3a KpUmuuHoio yacmomoro cmanosums 1,617, wo
CBIOUUMb NPO 00CMAMHIO 8I00AIEHICMb POOOUO20 PENHCUMY BI0 PE3OHAHCHOT 00aaci.

Knrouoei cnosa: pomayiinuii pobouuil opeaw, @Ope3epHO-MyIbuyeaivHull bapaban, KpumuiHa
WBUOKICMb, OUHAMIKA pomopa, KOAUBAHHA 8and, OucOanauc, Oemng)y8anHs, MamemMamuyHd MOOenb,
eKxcnepumenm, npoyec, NOOPiOHeHHsL POCIUHHUX PEUWMOK.

@. 48. Puc. 6. Jlim. 12.
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